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Abstract: The paper presents frequency response analydie galssenger compartment level
followed by an acoustic analysis performed by meznfinite element method. Normal mode
analysis of the body in white (BIW) was performeddathe eigenvectors presented. A
frequency-dependent velocity excitation profileviertical direction at the front and rear axles
were considered for the frequency response analy/bis acceleration response at three driver
comfort points was recorded as well. Subsequentlthe coupled fluid-structure frequency
response analysis the calculation of sound predsusd (SPL) variation as a function of the
same frequency-dependent load was conducted airiver and rear passenger ear locations.
The paper is finalized with conclusions on the aamnfiriver points and sound pressure levels
as response to the in-phase and out-of-phase fiegukependent excitation. This analysis is a
prerequisite for structural panel participation atrdicture optimization.

Keywords: modal analysis, modal frequency response, acoustalysis, body in white,
passenger compartment.

1. INTRODUCTION

The reduction of interior vibration and noise ut@mobile passenger compartments is of
continuous interest. Vibrations and noise are gaadrfrom tires, wind, engine, transmission as
well as from the exhaust system, and transmittedutih the body structure to the comfort
points and to the air of the passenger compartment.

CAE tools are playing a paramount role in the psscef vehicle structure development.
Starting from the 3D geometry, the car structurenéshed by using proper finite elements. In
the development of the body in white (BIW) struetuthe frequency response analysian
important building block in ensuring the fumetal characteristics. Car structure dynamic
model based on resonance frequencies, dampings ratid mode shapes is the target of the
structural modal analysis [1,5].

In the car model under study, the compartmentledfiwith air, which is coupled with the
BIW structure. The trimmed body and seats are wtgdebecause the movement of main
structural panels is targeted. Also, we are looKorgacoustic results due to the movement of
these panels. Thereby we can optimize the topoltapyography or thickness of the parts.
Structural modifications can change vibration Igaths as well. For additional components
(seats, interior and exterior accessories) we ake in consideration their participation in the
mass and stiffness matrix. Hence, in the finitenglet model one can use concentrated masses
or non-structural masses, which can be connectddashnstraints to the model, simulating the
real connection of these parts, thus reducing dnepaitation time.
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The sound field of the compartment is influencgdboustic modal features of the enclosed
cabin, dynamic characteristic of the surroundinrgcitire that transfer the excitation from the
main sources [2, 3, 7].

In the simulation, the passenger compartmenttaictire interaction is considered. The air
is coupled with the (wetted) structure which tougttee boundary fluid elements.

2. NORMAL MODE ANALYSIS OF THE CAR STRUCTURE
2.1 The eigenvalue problem

Dynamical equations of mechanical systems canriitewin matrix form as follows:

MQ+CQ+KQ=F 1)
whereQ is the vector of then system generalized coordinates or the finite etgérdegrees of

freedomM, C, K € R™™ are the mass (inertia), damping and stiffnessicestrandr is the
vector of generalized forces. The matritdsC andK are considered symmetrical.
Assuming a synchronous motion in the structureespthe following solution is proposed:

Qt)=ue'®t )

wherew is a natural frequency of the whole system harmeibration, i =+/—1andu is a
constantn—vector of amplitudes. Substituting in (1) the prepd solution and neglecting
damping and the external forces, results in:

Ku-®?’Mu=0or (K -»’M)-u=0 ©)
The set of obtained homogeneous algebraic equat{8h has the unknown vectar

Considering/d = w’as a parameter we get:

Ku = AMu 4)
known as the eigenvalue problem when trying to rdetee A values. By solving foi. and

nontrivial (U£0) solution, the following characteristic equatic) after premultiplying withv
! is obtained:

detM 1K - 11)=0 (5)
where/, (r=1,..,n) values are the eigenvalues or characteristic gatighe system anifl is

positive definite. For each determined eigenvaluan associated eigenvectar (defining a
mode shape) is satisfying the following equation:

Ku, =4,Mu, r=12..n (6)
2.2 Normal mode analysis

The modal analysis of the car structure has beeiogmed by using Nastran. The damping
being neglected, the natural or undamped naturdiesof vibration have been derived.
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The natural modes of vibration in 0-50 Hz intepale shown in Table 1. This interval is
chosen due to the presence of the revealing maudkis range for most passenger auto
vehicles. By revealing modes we mean Bending 1,dBen2, side Bending, Torsion 1 and
Torsion 2 modes (Fig. 1-3) (specific for a bar-gdwptructure), which can be used further for
optimization. Knowing the major modes, after fregeyeresponse analysis, for optimization we
can observe only the shift in frequency of thesal@so(by running a simple modal analysis).
Thus, the computation and work time is reduced.el,afor acoustic analysis, during the
optimization process, one can observe the localem@nts of some parts (their influence on the
sound pressure) hence, we can stiffen only thes pdiinterest without shifting significantly the
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natural frequencies of the major modes [6].

Table 1.List of the modes of vibration under 50Hz

Freq [Hz]

Mode #

Description

1 26,9

Movement of front end, rear end and fl
panels in Z direction (pumping).

DOr

2 27,4

Torsion 1 (Fig. 1)

3 31,0

Side bending of front end, pumping of flg

or

panel and roof panel and movement inf Z

direction of rear end.

4 32,0

Bending 2 (Fig. 2)

5 36,4

Bending 1 (Fig. 3)

6 37,8

Movement of front end in Y direction, rg
end, and floor panels in Z direction (pumpin
movements of A and B beams in Y directi
deformation of trunk compartment.

ar

Q);
DN,

7 39,3

Movement of front end in Z direction, re
end in Z direction, and floor panels in
direction (pumping); movements of A, B and

beams, deformation of the trunk compartment.

ar

8 43,7

Movement of front end in Y and Z directio
rear end in Z direction, and floor panels in
direction (pumping); movements of A, B and
beams, deformation of trunk compartme
movement of windows.

9 44,8

Movement of front end in Y and Z directio
rear end in Z direction, and floor panels in
direction (pumping), torsion of main structure

10 49,9

Movement of front end in Y and Z directio
rear end in X direction, torsion of main structd
pumping of front and rear windows, stro

deformation of rear compartment.
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Fig. 2.Bending 2: 32,04 [Hz]

Fig. 3.Bending 1: 36,48 [Hz]

3. FREQUENCY RESPONSE ANALYSIS

3.1. Excitation and responses

For the frequency response analysis we have clesetocity excitation, in the frequency
bend of 0-80 Hz, which simulates the normal roaditation. From 0 to 5 Hz we have a
velocity ramp, followed by a constant velocity gation of 25 mm/s over the frequency band.

Excitation locations (Fig. 4) are the grids wha$similate the center of the wells and are
transmitted to the connection points of the susparsystem.

We take in consideration two load cases. In tist fiase the structure is excited in phase at
the two axles, front and rear, and in the secosd tae two axles are excited out of phase.
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The points of interest for the response are tdréesr comfort points: the right foot of the
driver according to the position of the gas pettad, right connection point of the driver chair
with the floorboard (Fig. 5) and the connection npoof the rear view mirror with the
windscreen (Fig. 6).

For the mentioned comfort points we are looking tfte amplitudes of the accelerations,
which can be relevant for the recognition of thgeamodes of the structure in an inverse
process of determination of these modes.

Excitation points of front end
Excitation points of rear end

Fig. 4. Excitation points

Fig. 5.Comfort points #1, #2

Fig. 6. Comfort point #3

3.2 Direct and Modal Frequency Response Analysis

The direct frequency response method is rarely,udee to the excessive computational
time. In the direct method, structural responseoisiputed at discrete excitation frequencies by
solving a set of coupled matrix equations. Theesysbf damped and forced vibration equations
of motion with harmonic excitation is:
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MO +CQ + KQ=R(w) e'“! @

For harmonic excitation, a harmonic response @omplex solution of the form (8) is
assumed:

Q=u(w) " (8)
where U(w) is a complex displacement vector to be determiff@king the first and the
second derivatives of (8), substituting them intpand dividing by nonzero quantiéf', gives:
K - M +i0C|u(@) = R() ©)

which is the matrix form of equations of motiembeing one of the excitation frequency in the
frequency band of interest.

The modal frequency response analysis uses théisignt mode shapes of the structure to
reduce the system size, to uncouple the equatibmsotion (when modal or no damping is
assumed), and to make the numerical solution nificéemt.

The equations of motion (7) were transformed framphysical coordinates Q(t) to a subset
of n modal coordinates @) by using the relation:

Q=4Q, (10)

whereg; (m x n) is the truncated modal matrix assemblirggstignificantn modal vectorsp; :

¢ =[¢1.0 2. @i nl (11)

and ¢; is the i-th modal vector:

6 =101, G 21 Bji e brnil "

The following complex solution is assumed:
Q=4 &(w)e" (12)

The mode shapes are used to transform the prahleanms of the behavior of the modes as
opposed to the grid points. By substituting theppsed solution (12) in equation (7), the
equation for harmonic motion is as follows:

L oM +ioCh + Ky (@) =R@@)  (13)

Relation (13) is the equation of motion in matfaxm, in terms of the modal coordinates.
To uncouple the equations, one can premultiply meaﬁtT (n x m) resulting in:

020 Mg +i0 4 Cher oK JE@) = (14
#¢' R()
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By using the orthogonality property of the modegsts, the equations of motion in terms of
the generalized mass, damping and stiffness matfite, Cp, K are obtained:

¢tTM¢t: M p ¢tTC¢t = Cp
¢tT K¢, = Kp ¢tT R(w) = Rp

(15)

These diagonal matrices do not have the offahial terms that couple the equations of
motion, hence tha modal equations of motion in matrix format, areaupled:

Lo?My+ioC,+K,|E@ =R,  @9)

The equations of motion appear to be a setnhobupled single degree of freedom system.
The individual modal response of each eigenmodensputed:

& (0) = = i@ @7)

— a)zmpi+ia) Cpi+k pi

wheremy;, G, Ky, 'pi(w) are the i-th modal mass, modal damping, modéhstt and modal
force respectively. After the modal frequency rem® analysis with Nastran [9], the
accelerations at the driver’'s comfort locationsénbeen determined. The results for the out-of-
phase excitation and for the in-phase excitatiendapicted in Fig. 7 and Fig. 8 respectively.

125000

—— Punct de comfort Piciorul drept sofer
—— Punct de comfort Prindere scaun sofer
—— Punct de comfort Suport oglinda retrovizoare parbri

1000007 *

750007

Acceleratii [mm/s+2]

500007

250007
0

Fig. 7.Response (acc. vs. freq.) - in phase excitation
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Fig. 8. Response - out of phase excitation

4. ACOUSTIC ANALYSIS
4.1 Normal modes

The acoustic analysis has been performed with M&6tridn 7. Fluid boundaries may be
fixed, flexible or free. With no applied loads, tbeater surfaces of the fluid finite elements
define a fixed, rigid boundary condition, approxting a normal pressure gradient of zero. If
structural finite elements are attached, they w#éherate flow into the fluid and affect the
pressures. The pressure degrees-of-freedom mayebéed like displacement degrees-of-
freedom. Also, they may be constrained with SPGABC for various other reasons, such as
symmetry. The parameters of the fluid-structureriiaices have been defined by using the card
ACMODL.

The mesh density of the acoustic model shouldlde & predict modes up to the upper
bound of the frequency of interest. The wavelergftan acoustic mode is much longer then a
similar one belonging to the structural model ia #ame frequency band. Hence, the mesh of
the acoustic model is coarser than the mesh ofthetural model. For the fluid model an
average element size of 33 mm has been proposediséeMAT10 material card to simulate
the air in the passenger compartment with the fotlg parameters: bulk modulus, mass
density, speed of sound, fluid element damping fameft and the normalized admittance
coefficient for porous material.

If no structure is connected and the problem imeslonly fluid, then the effects of the
boundary flexibility may be ignored and the problensimplified.

The natural frequencies were obtained from SOL @8g symmetric real methods at
greatly reduced costs.

For a normal mode acoustic analysis and the udedudjuid, one can observe the results in
the Figs. 9-14. These figures are showing the &imst the second longitudinal eigenmodes, the
first transversal eigenmode, followed by a combimeadde, the third longitudinal eigenmode
and in the last figure the first vertical eigenmodée dark areas are indicating nodes in the
pressure ratios.
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Fig. 9. 1st longitudinal eigenmode (62.2Hz)

Fig. 10.2nd longitudinal eigenmode (103 Hz)

Fig. 11.1st transversal eigenmode (112 Hz)

Fig. 12. G®mbined eigenmode (141 Hz)
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Fig. 13.3rd longitudinal eigenmode (155 Hz)

Fig. 14.1st vertical eigenmode (169Hz)

4.2. COUPLED FLUID-STRUCTURE FREQUENCY RESPONSE ANALYSIS

The target of the acoustic analysis is the calmraof the sound pressure levBlga
variation as a function of a frequency-dependeadtiio
P/V2
20uPa

For the frequency response analysis we have chisetocity excitation. This excitation is
acting at the front and rear axles having the sanodéile as in the structural analysis. The
system contains the structure and the passengepactment, both coupled through boundary
conditions. At the fluid-structure interface thaiél particles and the structure nodes are moving
together following the normal vector to the struetfluid boundary. The continuity of pressure
is also applied. The differential equations of motof the undamped system dynamics and the
coupling between the structure and the acoustiitycavan be written according to [3] in a
matrix form (18):

Pgga = 20log(: ) + AweightingWhereP is predicted by simulation [2, 4].

415

© VIBROENGINEERING JOURNAL OF VIBROENGINEERING DECEMBER2010.VOLUME 12,ISSUE4. ISSN1392-8716



575.VIBROACOUSTIC FREQUENCY RESPONSE ON A PASSENGER GOARTMENT.
JULIAN LUPEA!, ROBERT SZATHMARI 2

M's O N'és] [Cs 0 gs
c2AT M s 1t o ¢ :
J{Ks _AsfMQS}z{fsl
whereQs, Q, andf, are the structural nodal displacements, acoustialnpressures and external

force excitation vector respectivelis, Csand Ks are the structural mass, damping and
stiffness matricesMp, Cp, Kpare the acoustic cavity mass, damping and rigidiggrices. The

vector of forces acting on the structure from thudfregion isf; = Aszp, where the matrix

(18)

A describes the spatial coupling between the strecamd the acoustic domain. The forces
acting on the fluid from the structure arég =p02Agf Qs wherep and c are density and

sound speed respectively. For the frequency regpanalysis of the structure-acoustic system,
the following solution is proposed and substituite8).

Qs B Us(@) | ipt
{QJ ) LP (“’)}e )

where yand y are the displacement and pressure amplitudes.

The sound pressure level (SPL) is evaluated insie compartment at two different
microphone locations: at the driver ear and atréae passenger ear (Fig. 15). The target of the
analysis is, in general, to evaluate and to redheepressure level at the ear locations in the
passenger compartment.

Microphone locations

Fig. 15.SPL measuring locations

After running Nastran, the resulting sound pressevels for the in-phase excitation and for
the out-of-phase excitation (at the axles levek aepicted in Fig. 16 and in Fig. 17
respectively.
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SPL [dB(A)]

_ _ FRONT MiC.

—— REAR MIC. |

2“20 3'0 4‘0 S‘D a0 7'0 8'0
FREQUENCY [Hz]

Fig. 16.SPL vs. frequency in-phase excitation

SPL [dB(A)]

FRONT MiIC.

REAR MiC.

20 3‘0 4ID 5'0 GID 70 SID
FREQUENCY [Hz]

Fig. 17.SPL vs. frequency out-of-phase excitation

4. CONCLUSIONS

Fig. 7 and Fig. 8 indicate that the maximum resgois near the resonant frequencies. For
example we can find the maximum amplitude of respoior the seat support point near the
bending land bending 2also in the range of thtorsion 1 natural frequenciesAlso the
magnitude of response is larger in the case opl@se excitation in comparison to the out-of-
phase excitation case. This phenomenon is dueetarntwvement vectors of the floorboard,
which is amplified in these modes, as well as d@uthé fact that in the out-of-phase excitation
the load is applied in opposition with the shapehef deformed structure in these eigenmodes.
For the mirror point we have the same case regautii@ frequency range due to the shape the
windscreen is moving in eigenfrequencies and disodifference between the two subcases.
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For the right foot point, in both subcases we hkweer response due to the position of the
point on the tunnel, giving it a high stiffness.

These results can later be used for optimizatiothefstructure by stiffening or flexing the
desired part according to the movement in the modes

Considering the simulation parameters and the hmmteponents the SPL calculated is due
to the movement of the structural panels only, fahich the BIW structure is composed of. In
a simulation including the trimmed body the resulty differ. Due to the existing masses and
additional components which stiffen or loosen ttracture, the fluid structure interface will be
modified also, due to the higher number of elemevitich are wetted by the fluid. In this
situation more energy is transmitted to the flditlis energy does not necessarily increase the
sound pressure. Depending on the movement of this fflze energy can be transmitted in
opposition with other elements, which can resulaidecrease of pressure. This analysis is a
prerequisite for panel participation and struciypémization.

Phenomena like acoustic absorption and transmideis encountered in the real structure
and trim can be included in the simulation by usacgustic absorber and acoustic barrier finite
elements. The resistance, reactance, frequencyrdepeimpedance and the confidence level
of the acoustic materials can be considered, dsmwalfuture work.
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